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A hybrid friction – impact rotordynamic damper has been designed and tested in a high-speed rotor-
dynamic test rig for application to rocket engine turbopumps operating at cryogenic temperatures, such
as the high-pressure oxygen and fuel turbopumps used in the Space Shuttle Main Engines. Test results
have shown the impact damper to be effective at larger amplitudes and higher frequencies, whereas the
friction damper is effective at lower amplitudes and frequencies. Together, the hybrid damper offers good
performance over a wide range of operating conditions. A friction damper design methodology is pre-
sented and applied to the experimental test rig.

Nomenclature
Ceq = equivalent viscous damping
c = external viscous damping
D = impactor cavity gap
Fk = kinetic friction force
Fs = static friction force
F0 = forcing function magnitude
k = stiffness of oscillator
m = mass of oscillator
m ju j = rotor imbalance at node j
U = vibration amplitude
Uopt = optimum amplitude ratio, uopt /D, maximum

damping effectiveness
Uss = u ss/D = SS, nondimensional amplitude at resonance
U0 = nondimensional static displacement F0/k /D
u ss = steady-state amplitude at resonance
X j, Yj = rotor node ( j ) lateral displacement in X, Y direc-

tion
x = oscillator mass position
Z = position vector, containing Xj, Yj, a j, bj

z = impactor mass position
a j, bj = rotor node ( j ) angular rotation about Y, X axis
« = coef� cient of restitution
zeq = equivalent damping ratio (including contribution of

impact and external damping
zext = external viscous damping ratio
m = mass ratio, impactor mass/oscillator mass
v = rotational speed, rad/s

Subscripts
1 = after impact
2 = before impact
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Introduction

T HE purpose of this research is to develop an effective
rotordynamic damper for vibration suppression or rocket

engine turbopumps operating in a cryogenic environment, such
as those used on the Space Shuttle Main Engines (SSMEs).
Figure 1 shows a diagram of the SSME turbopump layout.
While signi� cant damping has been achieved using interstage
damper seals, conventional bearing dampers reliant on the � uid
viscosity, such as the squeeze-� lm type, are not effective be-
cause of the low viscosity of the working � uid. Seals obtain
much of their damping force as a result of convective � uid
dynamics arising from the large pressure drop. Squeeze � lm
dampers, on the other hand, rely heavily on the � uid viscosity
to generate damping through viscous shearing. The hybrid
friction– impact damper’s performance in this study is inde-
pendent of the working � uid.

An impact damper has been successfully designed and tested
in a high-speed rotordynamic test rig and has proven its effec-
tiveness to suppress synchronous vibrations at cryogenic tem-
peratures. Moore et al.1 show the performance of the impact
damper to be a strong function of vibration amplitude, exhib-
iting both optimum and threshold amplitudes. The threshold
amplitude is necessary to initiate damper motion.

An impact damper consists of a secondary (impactor) mass
operating in a cavity of a primary (oscillator) mass (see Fig.
2). A clearance exists between the two masses, allowing the
impactor to move relative to the oscillator, resulting in periodic
impacts. The principle behind impact damping is the removal
of vibratory energy through losses that occur during impact in
the form of elastic waves, heat, and sound. It is also called a
rattle or inertial damper. The impact damper is simple in con-
cept, compact in size, and unlike most viscous dampers, does
not require a grounded foundation. These characteristics make
the damper relatively easy to retro� t existing designs.

The amount of energy lost upon impact of two bodies is
characterized by «

« = 2[(zÇ 2 xÇ )/(zÇ 2 xÇ )] (1)1 1 2 2

which relates the velocities after impact to those before impact.
Tests by Radil and Palazzolo2 have shown that « is only a
weak function of temperature; therefore, little change exists in
the performance of an impact damper when operating in a
cryogenic environment.
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Fig. 1 SSME fuel and oxygen turbopumps.

Fig. 2 Single-degree-of-freedom impact damper model.

A novel friction damper has been designed as another viable
source of damping at the cryogenic temperatures and differs
from previous cryogenic friction dampers in both design and
materials. The damping performance of friction damping is
inversely proportional to amplitude, making it effective at
lower amplitudes. Good performance is obtained at cryogenic
temperatures by using a damper design and friction materials
that are insensitive to changes in temperature.

Literature Review
Impact dampers have been studied extensively by Masri,3

Popplewell et al.,4 Bapat and Sankar,5 and many others. Most
of the early analytical, closed-form solutions to impact damp-
ing of a single-degree-of-freedom system assume the impact
pattern, namely, the number of impacts per cycle of oscillation.
These assumptions limit the results to a � nite amplitude range.
Recent work by Brown and North6 show the results of a tran-
sient, free-decay, time – history solution of the impact damper
by numerically tracking the position of the impactor and os-
cillator in time to detect impact. New initial conditions may
then be determined using the coef� cient of restitution principle
and conservation of momentum. This approach describes the
behavior over a wide amplitude range by de� ning the follow-
ing operating regimes: 1) a low-amplitude range with less than
one impact per half-cycle of the oscillator and very low damp-
ing effect (referred to as impact failure), 2) a medium-ampli-
tude range with a � nite number of impacts per half-cycle and
good damping characteristics, and 3) a high-amplitude range
with an in� nite number of impacts per half-cycle (bouncing
down to rest on the oscillator wall) and low damping. These
conclusions indicate a signi� cant dependence on amplitude for
the performance of the impact damper.

Moore et al.1 applied the method of Brown and North6 to
forced response and studied the effectiveness of an impact
damper operating in a cryogenic environment. Moore et al.1

also performed parametric studies to obtain optimum damper
performance. These optimal values compare well with the the-
ory, showing good damping performance over a � nite ampli-
tude range.

Friction damping has been used successfully for turbine
blade vibration suppression7 with friction present at the roots,
shroud interfaces, and lacing wires. Ku and Heshmat8 utilize

Coulomb friction in bump foil bearings for vibration suppres-
sion. Grif� n and Menq9 analytically studied the implications
of friction damping of circular vibration control, providing op-
timal friction magnitudes for a single mass system. Hibner et
al.10 obtained a level of rotor support friction damping equal
to the optimal viscous damping in an experimental test rig at
room temperature. The friction damping used by Hibner et al.10

and those used in this study differ by adding damping to the
nonrotating bearing housings. Cameron et al.11 present guide-
lines for effective friction damping relative to the harmonic
excitation force. Similar principles are applied in this paper for
rotordynamic systems.

The present work applies the concept of friction damping to
supplement the vibration control of impact damping. Further-
more, this investigation describes some unique nonlinear ef-
fects friction damping has on the lateral vibration of a � exible
rotordynamic system and also shows the effect of stiction on
the critical speed response.

Theory
Although the impact damper appears simple, its dynamics

can be quite complex because of its highly nonlinear nature
during impact. Between separated impacts, the equation of mo-
tion for the oscillator is that of a forced harmonic oscillator,
and the equation of motion for the impactor is that of a free
particle with constant velocity (assuming no friction between
the masses) as shown in the following:

mẍ 1 cxÇ 1 kx = F cos(vt) (2)0

z̈ = 0 (3)

where x and z are de� ned in Fig. 2. The relative velocities
before and after impact may be characterized by «. In addition,
linear momentum of the two masses is conserved during im-
pact. These two relations yield the initial conditions after im-
pact for each mass as

[(1 2 m«)xÇ 1 m(1 1 «)zÇ ]2 2xÇ = (4)1 (1 1 m)

zÇ = xÇ 2 «(zÇ 2 xÇ ) (5)1 1 2 2

To make the results of the models generally applicable to
any single-degree-of-freedom system, the impactor and oscil-
lator’s position, velocity, and acceleration are nondimension-
alized using the cavity gap D, and time is nondimensionalized
using the inverse of the natural frequency (in rad/s):

¯ ¯x̄ = x/D, Çx = xÇ /D, ẍ = ẍ /D (6)

¯ ¯z̄ = z /D, Çz = zÇ /D, z̈ = z̈ /D (7)

t = t ?v (8)n

This solution technique assumes that the time duration of
impact is zero, valid for « greater than 0.5. The equivalent
damping ratio is calculated using the following relationship:

1
z = (9)eq

2(U /U )ss 0

The peak Uss is determined for varying static displacements
U0. The equivalent damping ratio includes the contribution of
the impact damper plus the added external viscous damping
zext = 0.01. Figure 3 shows zeq vs Uss. This plot clearly shows
the damping effectiveness to be a strong function of amplitude.
Uopt occurs at 0.379 for this case (m = 0.04, « = 0.6). Moore
et al.1 outline a design methodology to optimize impact damper
performance.
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Fig. 3 Damping ratio vs nondimensional amplitude for forced
response of SDOF impact damper.

Fig. 4 Ceq (lb-s/in.) vs amplitude and speed.

Fig. 5 Frequency response comparison (no damper).

Fig. 6 Calculated bearing force transmissibility (no damper).
Equivalent viscous damping may also represent Coulomb

friction damping by equating the work done per cycle of os-
cillation to a viscous damper:

C = 4F /vpU (10)eq k

Figure 4 shows Ceq (in lb-s/in.) per pound of kinetic friction
force for different speeds and vibration amplitudes, and indi-
cates that little friction force is necessary to generate good
damping performance, especially at lower speeds and ampli-
tudes. The amount of friction force is limited by the force
transmissibility at the bearing support containing the damper,
since Fs must be overcome for incipient motion. If Fs is ex-
cessive, the damper will lock up and provide no energy dis-
sipation.

Stiction is a measure of the breakaway friction Fs to the
sliding friction Fk. Upon incipient motion, the friction force
decreases with a given velocity giving rise to a negative damp-
ing coef� cient. A stick – slip condition may occur that excites
the system and is the driver of machine tool chatter and violin
strings. Furthermore, since the amount of friction damping that
may be added is governed by Fs, high stiction yields relatively
low Fk, which lowers damping performance. Previous attempts
to add friction damping to a cryogenic rotor system used
metal-to-metal contact, which contains high inherent stiction.
The design used in this study selects material combinations
that minimize stiction.

Friction Damper Design
Friction damper design for high-speed � exible rotors begins

� rst with a rotor model to simulate the rotor � exibility, the
bearing coef� cients, and the unbalance distribution. A � nite
element based rotor code is used to discretize the rotor to ob-

tain a system of second-order linear differential equations rep-
resented in matrix form by

¨ Ç[M ](Z) 1 [C ](Z) 1 [K ](Z) = [F(t)] (11)

where

2 iv tF (t) = m u v e (12)j j j

This equation is solved for the response at a given speed and
unbalance by assuming a harmonic response of the following
form:

ivt¯(Z ) = (Z )e (13)

Solutions of the resulting system of linear, complex equations
at multiple speeds generate a frequency response (Bode) plot
for each node on the rotor. The rotor model is used to match
the experimental response at the two bearings in a high-speed
rotor– bearing system (with tare damping only) by adjusting
the support coef� cients and shaft imbalance. An example is
given in Fig. 5 showing the � rst critical speed at 6450 rpm.
Figure 6 gives the calculated bearing force transmissibility for
this response using a vectorial sum of the support stiffness and
damping forces

2 2F = U (K ) 1 (C v) (14)ÏTR B B

where KB and CB are the bearing stiffness and damping coef-
� cients, respectively.



498 MOORE ET AL.

Fig. 7 Calculated frequency response (stuck damper).

Fig. 8 Calculated bearing force transmissibility (stuck damper).

Fig. 9 Rotor shaft with bearing, probe, and balance plane loca-
tions.

Once the friction damper is in place at the bottom bearing,
no damper motion occurs until the dynamic force exceeds the
static friction force. To simulate the condition of a stuck
damper, the stiffness is increased to a large value (1.0e7 lb/
in., 1.75e9 N/m). The response (Fig. 7) shows larger vibration
at the upper bearing and no vibration at the damper. The crit-
ical speed has increased to 7200 rpm. Although the stuck
damper exhibits no vibration, a dynamic force is still trans-
mitted through the damper and is ampli� ed through the critical
speed as shown in Fig. 8. If the damper remains stuck, the
vibration and force transmissibility will be worse than with no
damper. The amount of friction force allowed is a function of
the rotor � exibility, the unbalance magnitude and distribution,
as well as the force ampli� cation near the resonance. Fs should
be selected so that the damper breaks free at the appropriate
amplitude.

Before this friction force may be selected, the maximum
allowable vibration at any given point on the rotor must be
determined and it de� nes the speed at which the damper must
break free. The dynamic force at the damper corresponding to
this speed prescribes the optimum friction force for the system.
For example, assume that the maximum allowable vibration at
either bearing is 3.1 mil (78.7 mm). With the stuck damper,
this vibration level is reached for the top bearing at 6760 rpm
(Fig. 7). Figure 8 shows the force transmissibility at the
damper to be 13.5 lbf (60.0 N) at this speed, de� ning the
maximum allowable static friction force for this system.

Once the damper breaks free, the stiffness returns to its orig-
inal value (used in Figs. 4 and 5) as does the critical speed. A
speed of 6760 rpm is beyond the no-damper critical speed
6450 rpm. Therefore, the system with the friction damper

never encounters the critical speed. Even with no damping
contribution, the vibrations are maintained at low levels.

Experimental Setup
The performance of both damper concepts is veri� ed ex-

perimentally on a high-speed cryogenic rotor test rig. Figure
9 gives the rotor layout including bearing, sensor, balance
plane, and damper locations. The damper assembly operates
submerged in a bath of liquid nitrogen (LN2) at 23207F
(21967C) and speeds up to 18,000 rpm. The critical speeds in
the X and Y orthogonal directions are separated for a given
mode because of an asymmetric upper bearing housing. Figure
10 shows the hybrid friction– impact damper cross section (left
side through friction damper, right side through impactor). The
impact damper is mounted in a squirrel-cage fashion and con-
sists of six cylindrical impactors, each operating inside a cy-
lindrical housing. The impactors consist of a dense core, a
compliant inner layer, and an outer shell made of a high nickel
alloy for good fracture toughness at the low temperatures.
Three � ats are machined in the outer shell that prevent smooth
whirling of the impactors inside their housings. Figure 11
shows a close-up of the impactors and their shell housings.

Six friction dampers are installed in the outer housing (60-
deg apart) and dissipate energy through friction between the
housing and a hollow push-rod, which follows the radial mo-
tion of the squirrel cage (� exible bearing retainer). Figure 12
shows an assembled and exploded view of the friction damper
concept. To dampen the small vibration amplitudes, all parts
are preloaded using two coil springs. The larger spring pre-
loads a Te� ont friction insert, and its force is varied by the
adjustment nut. The smaller spring ensures contact between
the push-rod and the squirrel cage. Its preload is changed by
installing shim washers between the damper and rotor hous-
ings. The friction dampers are skewed 15 deg from the X probe
yielding a net contribution of 3.864 times the individual
damper friction force in each of the orthogonal directions.
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Fig. 10 Hybrid friction – impact damper assembly.

Fig. 11 Close-up of impactor and shell housing.

Fig. 12 Friction damper exploded view.

Table 1 Cryogenic friction study

Friction
force

Ambient
temperature

Cryogenic
temperature

Static 2.0 lbf 3.5 lbf
(8.9 N) (15.6 N)

Kinetic 2.0 lbf 1.8 lbf
(8.9 N) (8.0 N)

Te� on (polytetra� uoroethylene, or PTFE) is chosen for the
friction material because of its low stiction and ability to ac-
commodate cryogenic temperatures. It has been used success-
fully as a dry lubricant by impregnating the PTFE into the
ball-bearing cages of both the oxygen and hydrogen turbo-
pumps. Because of the relatively low energy associated with
the rotor vibratory motion, surface temperatures for both types
of dampers are expected to be much less than the 1500 K
temperature required for the ignition of the high nickel steel
being used.12 At the highest speed and vibration amplitude dur-

ing the experimental testing, each friction damper is dissipating
energy at a rate less than 1 W.

The push-rod is made hollow to lower its inertia, placing
the damper’s natural frequency well above the maximum rotor
speed. The preload springs and segmented friction insert min-
imize temperature effects on the friction force while cooling
to the cryogenic temperatures and also accommodating wear.

To verify the resulting friction force at the cryogenic tem-
peratures, the damper was secured to a plate and dropped into
a dewar of LN2; using a long friction rod, static and kinetic
friction values are given in Table 1.

Table 1 shows the stiction increase in the damper at the
cryogenic temperature while the kinetic value does not change
signi� cantly. Each of the six dampers is set to 2 lbf prior to
installation, yielding a net static friction force of 13.5 lbf (3.5
lbf 3 3.864) (60.0 N) and a net kinetic friction force of 6.96
lbf (1.8 lbf 3 3.864) (31.0 N) during the cryogenic operation
of the rig. Using Eq. (10), an equivalent viscous damping of
9.4 lb-s/in. (1650 N-s/m) is generated from friction damping
at 6000 rpm and 3 mil peak-to-peak (76 mm) of vibration. This
is a reasonable level damping for this cryogenic rotor-bearing
system.

Test Results
Three different con� gurations are tested: a) friction and im-

pact dampers, b) friction dampers only, and c) no dampers
(baseline). The � rst two con� gurations are run with four dif-
ferent unbalance levels. Only the smallest two unbalance sets
are possible with the baseline because of vibration limits.
These three con� gurations will be referred to as a, b, and c,
respectively, and the imbalance sets will be referred to as 1,
2, 3, and 4, according to Table 2. The weights shown are
balance weights, and so removing the weights increases the
net unbalance in the shaft. The magnitude and phase are cho-
sen to primarily excite the second mode; however, the � rst
mode is also effected because of its high sensitivity to imbal-
ance.

Balance Weight Set 1

This balance weight set yields the lowest vibration since it
cancels residual imbalance. Figures 13a and 13b compare the
response of con� gurations a, b, and c at the lower proximity
probe in the X and Y directions for weight set 1. Figure 13a
(X probe) shows a dramatic improvement in vibration sup-
pression of the � rst critical by the friction damper. Notice that
the vibration is essentially zero until the damper breaks away
at speeds of 6750 and 6800 rpm for con� gurations a and b,
respectively. The breakaway occurred in both X and Y direc-
tions simultaneously.

Figure 13b (Y probe) shows the same breakaway speeds.
The second Y mode could not be traversed for the baseline
because of high vibrations. The friction damper again signi� -
cantly increased the level of damping in the system allowing
passage through the second critical speed. Little difference ex-
ists in the response with the impact damper since the vibration
is below the threshold amplitude required to initiate impactor
motion for the second mode.

Balance Weight Set 2

As the net imbalance is increased, the undamped vibrations
grow signi� cantly and prevent the rotor from traversing the
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Table 2 Unbalance weight sets

Set
number Plane

Mag,
g-mm

f,
deg

(1) Top 242 165
Mid 185 345

(2) Top 197 165
Mid 153 345

(3) Top 134 165
Mid 105 345

(4) Top 65.7 165
Mid 51.4 345

Fig. 13 Rotor response for weight set 1 in a) X and b) Y direc-
tions.

Fig. 14 Rotor response for weight set 2 in a) X and b) Y direc-
tions.

Fig. 15 Rotor response for weight set 3 in X and Y directions.

� rst critical speed in the X direction (Fig. 14a). Con� gurations
a and b again produce similar responses and show low sensi-
tivity to imbalance, for both the � rst and second modes, in-
dicating substantial damping contribution from the friction
damper (Figs. 14a and 14b). The breakaway speed drops to
6720 rpm, since the 13.5 lbf (60 N) dynamic force at the
damper is reached at a lower speed because of increased im-
balance.

Balance Weight Set 3

As the imbalance is further increased, the peak amplitude at
the second mode critical speeds increases (Fig. 15). Baseline
c data are not acquired at the second critical speed for the
larger unbalance sets caused by high vibrations. The damper
breakaway decreases again to a speed of 6550 rpm. The re-
sponse of a and b exhibits similar behavior while traversing
the second critical speeds. The impact damper is becoming
active for the 2-X mode at the larger amplitudes, as indicated
by the small-amplitude � uctuations.

Balance Weight Set 4

Figure 16 gives the response for the maximum unbalance
level tested. As the amplitude through the second critical speed
increases, the friction damping contribution diminishes, yield-

ing a higher ampli� cation factor. With the impact damper
added a, the response follows b until a threshold amplitude of
3.5 mil is reached, at which point the impactors become active
and effectively limit the amplitude through the critical speed.
Moore et al.1 show that this impact damper con� guration pos-
sesses optimal performance at a peak amplitude of 4.03 mil
(102 mm) and degrades beyond that point. For this case the
impact damper is providing most of the damping in the system.

Friction Damper Design Applied to Test Rig
The experimental curve in Fig. 5 is the no damper case in

Fig. 13b. The calculated breakaway speed of 6760 rpm (Fs =
13.5 lbf ) (Fig. 7) agrees quite well with the experimental
breakaway speeds of 6750 and 6800 rpm, for con� gurations a
and b, respectively. Therefore, optimal friction damper forces
and breakaway speeds for any rotor-bearing system may be
calculated using the design methodology previously presented.
The breakaway phenomena may also be used as a semiactive
damper to avoid a critical speed altogether for systems sensi-
tive to bearing support stiffness.
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Fig. 16 Rotor response for weight set 4 in X and Y directions.

Because of its high modal amplitude at the damper, the sec-
ond mode could bene� t from a larger friction force. However,
a damper lockup would occur through the � rst critical causing
larger vibrations. Material combinations with lower stiction in
the cryogenic environment would provide additional damping
with no sacri� ce in the breakaway characteristics.

Conclusions
Two rotordynamic shaft dampers, which have been analyzed

both analytically and experimentally, yield optimal perfor-
mance at different vibration amplitudes and speeds. The fric-
tion damper yields superior performance at lower amplitudes
and speeds. The impact damper requires a given acceleration
to initiate impactor motion and, therefore, yields optimal per-
formance for vibration modes with larger amplitudes at the
damper and at higher speeds.

The two dampers complement each other providing vibra-
tion suppression over the entire speed range; however, careful
tuning of the damper parameters is required for each applica-
tion. The analytical techniques presented have proven to be
useful tools in the optimization of each style damper.
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